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Abstract

Computational fluid dynamics (CFD) has been used to study fully developed laminar flow and heat transfer behaviour in periodic
serpentine channels with a semi-circular cross-section. The serpentine elements are characterised by their wavelength (2L), channel
diameter (d) and radius of curvature of bends (Rc), with results reported for Reynolds numbers (Re) up to 450, as well as for a range
of geometric configurations (3 < L/d < 12.5, 0.525 < Rc/d < 2.25) at Re = 110. The flow in these channels is characterised by the forma-
tion of Dean vortices following each bend. As the Reynolds number is increased, more complex vortical flow patterns emerge and the
flow domain becomes increasingly dominated by these vortices. Alignment of flow with vorticity leads to efficient fluid mixing and high
rates of heat transfer.

Constant wall heat flux (H2) and constant wall temperature (T) boundary conditions and a range of fluid Prandtl numbers
(0.7 < Pr < 100) have been examined. High rates of heat transfer and low pressure loss are found relative to fully-developed flow in a
straight pipe, with heat transfer enhancements greater than 10 for a Prandtl number of 100.

As part of this work, we also obtain an accurate value for the Nusselt number for fully-developed flows in straight semi-circular
passages with constant wall temperature, NuT = 3.323(±0.001).
� 2006 Elsevier Ltd. All rights reserved.
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1. Introduction

It is well known that flows in curved passages, such as
those which occur in coiled pipes, give rise to heat transfer
enhancement relative to flow in straight pipes. While higher
frictional losses are inevitably incurred in producing such
flows, Kalb and Seader [1] and Masliyah and Nandakumar
[2] have shown that the heat transfer enhancements can
exceed the relative pressure-drop penalty by a significant
amount (by factors of 2 or more for water) for laminar
flows with constant axial heat flux and peripherally uni-
form temperature. The establishment of secondary flows
(Dean vortices) in curved passages, underpinning this
0017-9310/$ - see front matter � 2006 Elsevier Ltd. All rights reserved.
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‘‘low cost’’ improved laminar heat transfer performance,
is attracting increasing interest in microchannel flow sys-
tems as a means not only of enhancing heat transfer but
also of promoting mixing [3].

We recently characterised the thermo-hydraulic perfor-
mance of serpentine passages with a circular channel
cross-section [4] and showed that the establishment of
Dean vortices at the bends in this geometry give rise to sig-
nificant heat transfer enhancement which, in the absence of
the creation of recirculation zones, can be achieved with a
very small relative pressure-drop penalty. For the H2
boundary condition of Shah and London [5] (correspond-
ing to uniform wall heat flux throughout, but in the
absence of peripheral wall conduction), the Nusselt number
for the flow of water with Re = 110 could be approximately
twice that in the corresponding straight passage with only
about 40% increase in frictional pressure drop.
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Fig. 1. Schematic of a repeating module of the serpentine geometry
showing its axial and cross-sectional shape. The non-dimensional
geometrical parameters of interest are L/d and Rc/d.

Nomenclature

cp heat capacity [J kg�1 K�1]
d passage diameter [m]
dh hydraulic mean diameter [m]
Dn Dean number = Re(d/Rc)

1/2 [–]
ef relative pressure-drop penalty [–]
eNu relative heat transfer enhancement [–]
f Fanning friction factor [–]
h local heat transfer coefficient [W m�2 K�1]
�hs axially local, peripherally-averaged heat transfer

coefficient [W m�2 K�1]
�hM mean heat transfer coefficient [W m�2 K�1]
Hn normalised helicity [–]
HV volume-average of the absolute value of norma-

lised helicity [–]
k thermal conductivity [W m�1 K�1]
L serpentine half wavelength [m]
_m mass flow rate [kg s�1]
Nu Nusselt number = hdh/k [–]
�p area-averaged pressure [Pa]
P cross-section perimeter [m]
q00 wall heat flux [W m�2]
Pr Prandtl number = cpl/k [–]
Rc radius of curvature [m]
Re Reynolds number = �usqdh=l [–]

s axial location along the channel [m]
S length of the channel [m]
Tx,y temperature at a point (x,y) in a cross-section of

the duct [K]
TW wall temperature [K]
T B bulk mean temperature [K]
DTS temperature rise along one period of the channel

[K]
us velocity in the direction of s [m s�1]
v velocity [m s�1]
V volume of serpentine channel unit [m3]

Greek symbols

h non-dimensional temperature [–]
l dynamic viscosity [Pa s]
q fluid density [kg m�3]
x vorticity [s�1]

Subscripts

B bulk
M mean
th thermal
W wall
x,y (x,y) location on a cross-section
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The circular section, whilst relevant to pipe networks,
does not represent particularly well the channel cross-sec-
tions being produced in microchannel devices. These
devices are often based on plate structures in which pas-
sages have been produced via chemical or mechanical
means. Once the plates are stacked, the channels have a
flat face and sharp corners, which, for etched passages,
is well represented by a semi-circle. The impact of these
characteristics on the relative heat transfer and pressure
drop performance of such channels has not been quanti-
fied previously.

The geometry under consideration is illustrated in
Fig. 1. The channel is defined by sweeping a semi-circle
along a serpentine path with the flat face of the semi-circle
being in the swept plane, and is fully characterised by the
serpentine wavelength (2L), channel diameter (d) and the
radius of curvature (Rc) of the bends. Dimensional simili-
tude is achieved with constant ratios L/d and Rc/d. The
hydraulic diameter, on which both the Reynolds and Nus-
selt numbers are based, is given by

dh ¼
p

pþ 2
d ð1Þ

Repetitive or periodic geometric modules (Fig. 1) in
compact heat exchangers lead to fully-developed flow
after a sufficient number of modules, beyond which
flow patterns become invariant at successive downstream
locations. We consider such fully-developed flows, sub-
ject also to the constraint that the non-dimensional temper-
ature profiles are invariant from one module to the
next.

There have been a number of studies of laminar flow
and heat transfer in straight ducts with circular-segment
and circular-sector cross-sections [5–13] which include the
semi-circular duct section as a particular case. The Fanning
friction factor for fully-developed flow in the semi-circular
case is given by fRe = 15.772 [6], which is very close to the
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early work of Sparrow and Haji-Sheikh [7] that is cited in
the compilation of Shah and London [5].

The Nusselt number for fully-developed flow within
ducts of semi-circular cross-section for the case of constant
wall heat flux appears also to be well established. In the
presence of strong peripheral conduction (the ‘‘H1’’ condi-
tion [5]), NuH1 = 4.089 [6] while in the absence of periphe-
ral conduction (‘‘H2’’ boundary condition [5]), NuH2 =
2.923 [6]. The Nusselt number for uniform wall tempera-
ture (the ‘‘T’’ boundary condition [5]) is not well estab-
lished, with reported values lying in the range of 3.316–
3.684 [6].

In this paper, we report the effect of Reynolds and
Prandtl numbers, as well as geometric configuration, on
fully-developed flow and heat transfer in a serpentine
channel with a semi-circular cross-section for the H2 and
T boundary conditions.

2. Solution methodology

Numerical analyses of fully-developed laminar flow and
heat transfer in geometries that are periodically repetitive
in the streamwise coordinate have been carried out using
the finite-volume CFD code ANSYS CFX-5.7� [8]. This
code solves the Navier Stokes and energy equations on
an unstructured mesh using a vertex based finite volume
method together with a modified Rhie–Chow algorithm
to link the pressure and velocity fields, which are solved
via a coupled solver. The resulting algebraic equations
are solved via an Algebraic Multigrid method. All calcula-
tions are performed using a second-order bounded differ-
encing scheme for the convective terms.

In order to simulate fully-developed conditions, we wrap
the velocities (u,v,w) and scaled temperatures from the out-
let of the serpentine unit to the inlet. As gradient informa-
tion is not wrapped, the flow is never properly developed.
We allow for sufficient entrance length by modelling three
serpentine modules (Fig. 1) such that fully developed flow
is achieved in the centre module. Results reported here
are extracted from the converged solution for the middle
domain [4]. Temperature fields are scaled to allow calcula-
tion of the fully developed temperature field by imposing
the condition that the non-dimensional temperature is
equal at both the inlet and the outlet of the repeating unit
of interest:

hin ¼
T W � T x;y

T W � T B

� �
in

¼ T W � T x;y

T W � T B

� �
out

¼ hout ð2Þ

where

T W ¼
1

P

Z
p

T W dp ð3Þ

is the perimeter-averaged wall temperature at an axial loca-
tion s, and

T B ¼
1

_mcp

Z
As

quscpT x;y dAs ð4Þ
is the bulk mean temperature at an axial location s, with
Tx,y being the temperature at location (x,y) in the section
at s.

2.1. T boundary condition

For the case of constant wall temperature, T W is con-
stant, and the following form of Eq. (2) is used to deter-
mine the required inlet temperatures:

T x;y jin ¼ T W � ðT W � T BjinÞ
T W � T x;y jout

T W � T Bjout

� �
ð5Þ

where T W and T Bjin are specified and T Bjout is obtained
from the simulation.

2.2. H2 boundary condition

For the case of constant wall heat flux, temperature pro-
files are identical in shape at the entrance and exit, but are
displaced by an amount that is proportional to the wall
heat flux and the wall area. The mean wall temperature,
T W, in this case, varies along the axial path s. As tempera-
ture profiles are identical in shape

T x;y jout � T x;y jin ¼ DT S ð6Þ
An overall heat balance gives

T Bjout � T Bjin ¼
q00A
_mcp

ð7Þ

So

DT S ¼
q00A
_mcp

ð8Þ

The desired inlet temperatures are determined from scaled
outlet temperatures through the use of Eqs. (5) and (6) for
fully-developed flow in the modules.

2.3. Model discretisation

In discretising the model domain, a swept hexahedral
mesh has been used for the purposes of computational effi-
ciency and accuracy. The cross-sectional mesh was con-
structed heuristically to provide greatest resolution in
areas containing the greatest velocity and temperature gra-
dients. As expected, the mesh is most refined in the vicinity
of the walls, as shown in Fig. 2(a). The mesh on the inlet
face was extruded along the axial path s to produce the
swept mesh shown in Fig. 2(b). The axial mesh was also
distributed to provide accurate resolution of the flow
throughout the domain.

The grid independence of the computational results was
tested by comparing velocity and temperature profiles at
specific points within the geometry. Typical results of this
study can be seen in Fig. 3, showing non-dimensional tem-
perature profiles one diameter (1d) downstream of Bend 1
for Re = 200, Pr = 6.13 along the radius normal to the
baseline chord of the semi-circle. The mesh used in this



Fig. 3. Non-dimensional temperature profiles perpendicular to the flow
axis 1d downstream of Bend 1 for increasing mesh density. Re = 200,
Pr = 6.13. The number of volume elements for Tests 1–4 is: 108,000,
177,000, 245,000, and 291,000, respectively.

Fig. 2. Mesh density (a) on a cross-section and (b) along the axial
direction.
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study contains approximately 2100 elements on the inlet
cross-section, as shown in Fig. 2(a), with the repeating unit
having more than 245,000 volume elements, Fig. 2(b). Tests
were carried out at higher Reynolds and Prandtl numbers,
as gradients of both velocity and temperature increase with
these parameters. Tests indicate that for Re = 450 and
Pr = 100, further increases in grid refinement by 12% (of
volume elements) resulted in a change in the mean heat
transfer coefficient of the serpentine unit by less than
1.5%. This decreases with Reynolds number, with no effect
at lower Prandtl numbers.

3. Results

A number of heat transfer coefficients are defined in
order to evaluate the heat transfer performance of the ser-
pentine channel. Local (h), peripherally-averaged axially
local ð�hsÞ, and mean ð�hMÞ values are calculated. The local
heat transfer coefficient is defined as

h ¼ q00w
T w � T B

ð9Þ

The peripherally-averaged heat transfer coefficient at a gi-
ven axial location s is defined as

�hs ¼
�q00w

T w � T B

ð10Þ

Mean heat transfer coefficients for the repeating unit of
interest can then be calculated from the axially-weighted
average values of �hs by

�hM ¼
1

S

Z
s

�hs ds ð11Þ

We assess the performance of the serpentine channel by
comparing pressure drop and rate of heat transfer in these
passages to the same quantities arising in fully-developed
flow in a straight pipe of equal path length and diameter.
We define the heat transfer enhancement as

eNu ¼
Nuserpentine

Nustraight

ð12Þ

where Nuserpentine and Nustraight are the Nusselt numbers
(based on hydraulic mean diameter) for the serpentine
channel and for a straight pipe of the same path length,
respectively. Note that eNu can be evaluated locally, at a gi-
ven axial location or as a mean value using h, �hs and �hM,
respectively.

The value of Nustraight depends on the wall thermal
boundary condition. For the H2 boundary condition, we
use NuH2 = 2.923 [5]. The methodology described above
was used to simulate fully-developed flow in a straight
channel with semi-circular cross-section in order to obtain
the fully-developed friction factor and Nusselt number for
both the H2 and T boundary condition. We obtain NuH2 =
2.921(±0.001) which is close to the value quoted in Shah
and London [5], and NuT = 3.323(±0.001), which is close
to the value of Ben-Ali et al. [9] and Trupp and Lau [10].
Typical sources of error in CFD simulations include preci-
sion error, discretisation error (numerical diffusion and
dispersion), and poorly converged solutions. In the deter-
mination of the fully developed Nusselt number and
friction factor, we minimise round-off error by using dou-
ble-precision in our calculations. Discretisation error was
limited through the use of a second (even-) order bounded
differencing scheme with a fine structured mesh. Excellent
convergence was achieved for all runs, with normalised
residuals being much lower than 10�6. This, together with
the high accuracy with which we could reproduce analytic
solutions for straight pipe sections, gives us a high degree
of confidence in the accuracy of the solution. This resolves
the significant uncertainty existing in the value of the
Nusselt number for the T boundary condition [6].
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Fig. 5. Mean heat transfer enhancement and relative pressure-drop
penalty as a function of Prandtl number for L/d = 4.5, Rc/d = 1 for the
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The relative pressure-drop penalty incurred for a serpen-
tine passage relative to a straight passage is given by

ef ¼
ð�pin � �poutÞserpentine

ð�pin � �poutÞstraight

¼ fserpentine

fstraight

ð13Þ

where �pin and �pout are the area-averaged outlet and inlet
pressures, respectively, with

�p ¼ 1

As

Z
As

px;y dA ð14Þ

Through simulation, we obtain a straight pipe friction fac-
tor of fRe = 15.771(±0.001) which is in good agreement
with the value found in [6].

4. Effect of Reynolds number

Heat transfer enhancement and relative pressure-drop
penalty are reported for a range of Reynolds numbers up
to 450, with L/d = 4.5 and Rc/d = 1. Reynolds numbers
above 450 produced unsteady flow. The effect of Reynolds
number on heat transfer enhancement and relative pres-
sure-drop penalty is shown in Fig. 4 for both the H2 and
T thermal boundary conditions, with water (Pr = 6.13) as
the working fluid.

Across the range studied, a very similar dependence on
Reynolds number is found for both the T and H2 thermal
boundary conditions. At low Reynolds numbers, the
thermo-hydraulic characteristics of the serpentine channel
approach those of a straight channel of the same length
(e! 1). With increasing Reynolds number, the heat trans-
fer coefficient and friction factor increase relative to their
values in straight sections, with the enhancement of the
heat transfer rate exceeding the relative pressure-drop pen-
alty by a factor of about 2.5 just prior to the onset of
unsteady flow.
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Fig. 4. Mean heat transfer enhancement and relative pressure-drop
penalty as a function of Reynolds number for L/d = 4.5, Rc/d = 1 and
Pr = 6.13.
4.1. Discussion

As seen in Fig. 5, convective enhancement increases with
Prandtl number. Kalb and Seader [1] have shown that the
Nusselt number is proportional to Prn, with n � 0.2 in the
range 0.7 < Pr < 175 for curved ducts of circular cross-sec-
tion. The present results for the serpentine channel with
semi-circular cross-section indicate a Prandtl number
dependence of n � 0.3 for Re > 100. This dependence is
shown in Fig. 6 for Re = 200.

Kalb and Seader [1] and Masliyah and Nandakumar [2]
both describe an ‘‘efficiency’’ or ‘‘enhancement’’ factor as
the ratio of heat transfer enhancement to the relative pres-
sure-drop penalty. As with these authors, we find factors
larger than unity for Prandtl numbers greater than 0.7.
For low Prandtl number (0.7), relative pressure-drop
H2 boundary condition.

Fig. 6. The effect of Prandtl number on heat transfer enhancement for
Re = 200, L/d = 4.5 and Rc/d = 1.



Fig. 7. Speed contours (v/vM) at various downstream locations for Re = 200, L/d = 4.5 and Rc/d = 1 at: (a) 1d downstream of Bend 1, (b) 1d downstream
of Bend 2, (c) 1d downstream of Bend 3, (d) 1d downstream of Bend 4.
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penalty and heat transfer enhancement are almost identical
in shape and magnitude (Fig. 7).

4.1.1. Flow behaviour

Flow within the serpentine channel displays a number of
interesting characteristics which explain the heat transfer
results presented above. A transfer of momentum towards
the outer wall occurs at a bend, subsequently producing
rotation of the fluid about an axis parallel to the bulk flow,
resulting in the formation of vortices. These rotating flow
features, first observed by Dean [11], and subsequently
named Dean vortices, alternate in their direction of rota-
tion following every second bend. Bends 2 and 3 in
Fig. 1 are in the same sense. For this reason, Bends 1
and 3 will be referred to as curvature-reinforcing bends,
whilst Bends 2 and 4 are known as alternating or cancelling
bends. Alternating bends disrupt the secondary flow struc-
tures and causes a reversal in rotation direction. The effect
of secondary flows on the velocity field at various down-
stream locations is shown in Fig. 7. The transfer of momen-
tum causes a shift in the maximum fluid speed to the
outside of each bend, with the shape of the speed contours
being a direct result of the secondary flow structures within
the geometry. A reversal in vortex rotation direction fol-
lowing alternating or cancelling bends is evident from
Fig. 7(a)–(d). The reversal of vortex direction has been sug-
gested by Schönfeld and Hardt [3] as a possible means to
stir and mix a fluid efficiently.

Previous studies [1,4] have shown that secondary flow
within channels can retard the onset of flow separation,
unsteady flow and turbulence. Here, small regions of
reverse flow are evident only at Reynolds numbers beyond
350. These regions occur on the inner radius of cancelling
bends, and have a length of less than one diameter in the
flow direction.

The characterisation of Dean vortices by a Dean num-
ber, expressed as

Dn ¼ Re
d
Rc

� �1=2

ð15Þ

shows that for a fixed ratio of duct size (d) to radius of cur-
vature (Rc), the Dean number is directly proportional to
the Reynolds number. The Dean number gives a measure
of the importance of inertial and centrifugal forces relative
to viscous forces. Fig. 8 shows the effect of Reynolds num-
ber and secondary flow on the velocity field within the ser-
pentine channel. At low Reynolds numbers (hence low
Dean numbers), (Fig. 8(a)), the flow tends towards the
straight pipe solution. There is negligible secondary flow
as the viscous forces are large in comparison with inertial
forces, and act to suppress secondary flow formation. This
is consistent with the lack of enhancement of heat transfer
or pressure drop at low Reynolds number, as seen in Figs. 4
and 5. As the Reynolds number increases and inertial
forces become significant and a single vortex develops.
Flow complexity, as well as the number and strength of
vortices, increases with Reynolds number. This can be seen
in Figs. 8(b)–(f) and 9.

The flow produces a single pair of vortices at Reynolds
numbers as low as 50. These decay rapidly along the
straight sections within the geometry. As the Reynolds
number is increased further, complex secondary flow



Fig. 8. Speed contours (v/vM) at the inlet for L/d = 4.5, Rc/d = 1 and Reynolds numbers of: (a) 5, (b) 50, (c) 100, (d) 200, (e) 300 and (f) 400.
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patterns are created, with up to five unclosed vortices
being present. This can be seen in the streak-lines in
Fig. 9. Secondary flow patterns provide the means to
increase the rate of mixing, as seen from the temperature
field of Fig. 9. This figure shows hot fluid being trans-
ported away from the walls into the centre of the cross-
section, with secondary flows disrupting the thermal
boundary layer. Local hot spots occur in regions of slow
flow, decreasing the rate of local heat transfer for this
H2 boundary condition.

4.1.2. Helicity

Levy et al. [12] define a ‘‘normalised helicity’’ to detect
and visualise vortex cores as

Hn ¼
v � x
jvjjxj ð16Þ

This quantity has limiting values of ±1 when the angle be-
tween the velocity and vorticity vectors is zero, its sign
depending on the direction of rotation about the flow direc-
tion. A high value corresponds to a stronger overall align-
ment between vorticity and velocity vectors and indicates
more pervasive vortical structures.

The volume-average of the absolute value of helicity,
given by

HV ¼
1

V

Z
V
jH njdV ¼ 1

V

Z
V

jv � xj
jvjjxj dV ð17Þ

is shown in Fig. 10. The absolute value of helicity is used to
exclude rotation direction information. The figure shows
that volume-averaged helicity increases monotonically
across the range of Reynolds numbers studied, correspond-
ing to the continual increase in heat transfer enhancement
shown in Figs. 4 and 5.

Fig. 11 shows regions where normalised helicity is high
for a range of Reynolds numbers. Flow development
within straight sections of the geometry causes a decrease
in vortex strength. As the Reynolds number increases, the
distance that vortices survive into the straight sections of
the pipe also increases. Vortex strength is also dependent
on location within the geometry, and is greatest immedi-
ately after Bends 1 and 3. Vortices are able to progress



Fig. 9. Streak-lines coloured with non-dimensional temperature (h) at the inlet for L/d = 4.5, Rc/d = 1 and a Reynolds number of 400 for the H2
boundary condition.
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Fig. 10. Effect of Reynolds number on volume integral of the absolute
value of normalised helicity for L/d = 4.5, Rc/d = 1.
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through these reinforcing bends with the same direction of
rotation, thus acting to increase the vortex strength, which
in turn increases the distance they progress into the straight
sections of the pipe.

4.1.3. Local heat transfer behaviour

Non-dimensional temperature profiles (Fig. 12) across
the serpentine channel show a maximum value at the wall
closest to the outside of each bend for low Prandtl num-
bers. As the Prandtl number is increased, a larger propor-
tion of the channel circumference is in contact with high
temperature fluid, as the non-dimensional temperature
becomes more uniform across the section, as seen in
Fig. 12(c).

Fig. 13 shows how the perimeter-averaged heat transfer
enhancement varies through the serpentine modules for
different values of Reynolds number. It can be seen that
the effect of bends is to promote heat transfer, followed
by flow development in the straight section during which
the heat transfer enhancement relaxes towards that for
fully developed flow in a straight pipe. At low Reynolds
number (Re < 50), flow and heat transfer remain close to
the straight pipe solution, resulting in enhancement values
close to unity. The benefit of reinforcing bends becomes
apparent when examining the local heat transfer enhance-
ment shown in Fig. 13. Heat transfer enhancement is much
larger in the region of reinforcing bends, as secondary flow
structures progress through the bends with the same rota-
tional sense. The presence of flow separation at Reynolds
numbers above 350 explains the rapid decrease in heat
transfer enhancement immediately after cancelling bends.

Fig. 14 displays the peripheral variation of the local heat
transfer coefficient (as eNu) at one diameter downstream of
Bend 1 (reinforcing bend), Bend 2 (cancelling bend) and
Bend 3 (reinforcing bend). It is important to note that local
wall temperatures are used in calculating the local heat
transfer coefficients, resulting in large values of enhance-
ment. This is a result of the H2 boundary condition, and
is not evident in peripherally-averaged values of heat trans-
fer coefficients which employ T w. As seen in this figure, the
heat transfer is most strongly enhanced on the flat surface
of the cross-section as cold fluid near the centre of the duct
is convected to this surface, acting to disrupt the thermal
boundary layer, resulting in large heat transfer coefficients.



Fig. 11. Isosurface plots of regions where the absolute value of helicity is 0.8 for Reynolds numbers of: (a) 100, (b) 200, (c) 300 and (d) 400. L/d = 4.5 and
Rc/d = 1. The arrows indicate the inlet of the unit. The figure shows the growing region of the duct that is occupied with fluid of high helicity.

Fig. 12. Non-dimensional temperature contours at inlet for (a) Pr = 0.7, (b) Pr = 6.13, and (c) Pr = 100. Re = 200, L/d= 4.5 and Rc/d = 1 with the H2
thermal boundary condition.
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Fig. 13. Heat transfer enhancement as a function of position within a
serpentine unit for a Reynolds number of 110, Rc/d = 1, Pr = 6.13 and L/
d = 4, 8 and 12.5, for the H2 boundary condition. Dashed lines indicate
the relative position of bends.

2920 N.R. Rosaguti et al. / International Journal of Heat and Mass Transfer 49 (2006) 2912–2923
As vortices are able to progress through reinforcing bends
with the same direction of rotation, heat transfer enhance-
ment is larger entering reinforcing bends than alternating
bends. This is reflected in Fig. 13. Fig. 14 shows that rein-
forcing bends enhance heat transfer in a similar fashion,
with the shape of the curves being mirror images, symmet-
ric about the middle of the curved surface. The cancelling
bend causes enhancement to occur on the opposite side
of the channel to the previous bend.
5. Effect of geometric variation

The two independent parameters of L/d and Rc/d have
been used to assess the effect of geometric variation on rel-
ative pressure-drop penalty and heat transfer enhancement
for geometries with a constant unit size (2L). The Reynolds
number used in this study was 110, chosen as a value for
which a single pair of Dean vortices is obtained.

Fig. 15 shows the effect of the ratio of unit size to diam-
eter (L/d) on shape, heat transfer enhancement and relative
pressure-drop penalty. The thermal entrance length in
straight passages with semi-circular cross-sections, where
eNu! 1.05, is Lth/dh � 0.1RePr [13], or about 67 for the
conditions of Fig. 15. For increasing values of L/d at fixed
Rc/d, the straight runs between bends become longer. Flow
development in these longer straight sections causes relax-
ation of heat transfer enhancement toward unity, i.e.
towards the value for straight pipe flow. The differences
shown in local heat transfer enhancement resulting from
reinforcing and cancelling bends in Fig. 13 decrease with
increasing L/d due to this flow development.



Fig. 14. (a) Relative magnitude of local heat transfer enhancement as a function of peripheral location at a cross-section 1d downstream of Bends 1–3 for
a Reynolds number of 200, L/d = 4.5, Rc/d = 1, Pr = 6.13, for the H2 boundary condition. Bold lines indicate corners within the cross-section, and the
point of reference is given. Non-dimensional temperature profiles shown at 1d downstream of (b) Bend 1 and (c) Bend 2.
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The effects of radius of curvature are displayed in
Fig. 16. The minimum physical value for Rc/d is 0.5, which
corresponds to a sharp corner on the inside of each bend,
however, the lowest value studied here was 0.525 because
the sharp corners could not be generated using a swept
mesh. A decrease in Rc/d leads to greater heat transfer
enhancement and a concomitant rise in relative pressure-
drop penalty, as shown in Fig. 16.

As the value of Rc/d decreases, bends become sharper
and the straight sections between bends grow longer. Smal-
ler radii of curvature result in pronounced increases in heat
transfer enhancement immediately downstream of bends.
These are offset by flow development in the longer straight
sections.

Low values of Rc/d result in increased pressure losses
due to the formation of Dean vortices and flow separation
[14]. For the conditions of Fig. 16, flow separation is evi-
dent near to the inside curve of each bend when Rc/d is less
than 0.8, which coincides with the Rc/d value at which flow
separation occurs for serpentine passages with circular
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Fig. 15. Mean heat transfer enhancement and relative pressure-drop
penalty as a function of L/d. Re = 110, Rc/d = 1 and Pr = 6.13 for the H2
boundary condition.
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Fig. 16. Mean heat transfer enhancement and relative pressure-drop
penalty as a function of Rc/d. L/d = 4.5, Re = 110, = 1 and Pr = 6.13 for
the H2 boundary condition.
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cross-sections [4]. These separated regions are more pro-
nounced following cancelling bends, but their relative
length is less than one diameter in the flow direction. Lar-
ger increases in relative pressure-drop penalty at values of
Rc/d less than 0.8 can be attributed to this flow separation.

The present results for serpentine channels with semi-
circular cross-sections may be compared with those for
circular cross-sections [4]. Similarities include similar mag-
nitudes of mean heat transfer enhancement, the onset of
flow separation occurring at the same value of Rc/d and
geometric variation revealing similar effects on heat trans-
fer enhancement and pressure-drop penalties. The serpen-
tine channel with semi-circular cross-section, however,
generates greater flow complexity, a delay in the onset of
unsteady flow, as well as a less distinct difference in mean
heat transfer enhancement for the T and H2 boundary
conditions.
6. Conclusions

The methodology developed in earlier work by Rosaguti
et al. [4] has been used to study fully-developed laminar
flow behaviour in serpentine channels of semi-circular
cross-section for both constant wall heat flux (H2) and con-
stant wall temperature (T). The formation of Dean vortices
and the inhibition of flow separation in these sections leads
to significant heat transfer enhancement without incurring
great pressure-drop penalty. The ratio of heat transfer coef-
ficient to friction factor is up to 5.5 times greater than the
corresponding ratio in straight passages.

Results have been presented for a range of Reynolds
number (5–450), Prandtl number (0.7–100) and geomet-
ric configurations (0.525 < Rc/d < 2.25, 3 < L/d < 12.5).
Reynolds numbers above 450 produce unsteady flow. For
L/d = 4.5, Rc/d = 1, the rate of heat transfer relative to
fully-developed flow in a straight pipe increases with Rey-
nolds number. Enhancement of convective heat transfer
is more pronounced at higher Prandtl numbers, with
enhancement factors varying approximately as Pr0.3 and
exceeding a factor of 10 at Pr = 100.

Geometric influences on the thermo-hydraulic perfor-
mance of these channels have been assessed by varying
the independent geometric parameters of L/d and Rc/d
for a fixed Reynolds number. Increasing L/d decreases
both heat transfer enhancement and relative pressure-drop
penalty, with performance approaching that of a straight
pipe at high L/d. Heat transfer enhancement and relative
pressure-drop penalty also decrease with an increase in
Rc/d.
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